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ABSTRACT 

 

A 1-dimenional tool for preliminary design and performance prediction of oil-free CO2 compressor is presented. The 

model describes high speed centrifugal compressor in a hermetic configuration supported on foil gas bearings. To give 

possibly comprehensive overview of the technology, a wide range of loss mechanisms is considered. The model 

predicts aerodynamic performance of the compressor as well as losses related to the windage of rotor and bearings and 

due to the internal cooling. Numerical investigation of different compressor stages was used to validate aerodynamic 

predictions of the 1D model. Maximal prediction discrepancy amounted 2% for efficiency and 5% for pressure ratio.  

The prediction of the total compressor efficiency was compared with test data from a 50kW compressor published 

Sandia Laboratories. The predicted peak compressor efficiencies are between 66-67.5% while experimentally measured 

values are within 65-70% region.    
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1. INTRODUCTION 

 

Popularity of carbon dioxide as a working medium has been gaining momentum in the last decade. It is motivated not 

only by increased environmental awareness of the society but economical factor as well. CO2 installations can be more 

compact than its hydrocarbon- or synthetic- counterparts and in many cases more energy efficient [Nekså et.al. (2010), 

“NARECO2” (2009), Chen et. al. (2006)]. Recent development in supercritical CO2 power cycles has brought attention 

to the new type of machines used in the CO2 field, namely high speed oil-free turbo-compressors and turbo-expanders. 

Sandia National Laboratories (SNL) has published a report [(Wright et. al. (2010)] from successful testing of 50 kW 

radial compressor spinning at up to 75 krpm and producing pressure ratios of up to 1.8. Although rather low efficiencies 

of the compressor are reported, such a concept can be perceived as an interesting option for other CO2 based systems, 

such as air conditioning or refrigeration. Benefits of oil-free operation are multiple and include simplified architecture 

of the system, broader range of operating conditions [Hafner et. al. (2011)] and improved heat exchange.  

Schiffmann and Favrat (2009, 2010) have designed and successfully tested small oil-free radial compressor for 

domestic heat pump utilizing R134a as a working fluid. 78% isentropic efficiency is reported for a small 20 mm 

impeller reaching pressure ratios in excess of 3.3.  Mechanical efficiency quantifying windage losses is calculated to be 

in the range of 92-95%. It is expected that such a high mechanical efficiency will be very difficult to reach for CO2 

systems due to the significantly higher density of the gas. 

To gain more understanding about which applications and what operating conditions are particularly interesting for the 

new type of machine, efficient design tools must be available. The purpose of the present study is to introduce a tool 

that allows for quick prediction of basic dimensions and performance of CO2 oil-free compressor based on a set of 

designer inputs.  

The importance of reliable preliminary estimation of compressor parameters should not be underestimated as an early 

identification of performance potential can save a lot of time and resources in subsequent phases of the system 

development as well as in its operation. It is expected that the tool could be used as a very first step in the machine 

design, providing rapid identification of possibly weak points of the technology depending on a particular field of 

application.  
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The 1D model consists of two essential parts. The first part predicts aerodynamic performance of a centrifugal 

compressor stage. The second one models losses resulting from hermetic operation and includes gas bearing friction, 

rotor windage and internal cooling losses.  

One- or two-stage configuration can be simulated. The preliminary validation of the tool is based on CFD analysis and 

test data presented in the SNL report [(Wright et. al. (2010)]. Configuration of the two-stage compressor with brushless 

permanent magnet motor is shown in Fig 1.  

The presented model is used in Kus and Nekså (2013), where more comprehensive overview of the oil-free CO2 

compression technology is given, to assess feasibility of introducing oil-free turbo-compressors into commercial and 

industrial CO2 refrigeration applications.  

 

 

 

2. MODELLING 

 

2.1 Tool structure  

The design tool has been made with a Microsoft Excel interface where a user has the full control of all important model 

constants and assumptions. These involve: impeller clearance, axial length of impeller (as a fraction of impeller 

diameter), inducer diameter ratio, diffuser diameter ratio, mean inducer blade angle, impeller discharge flow angle, 

magnetic shear stress of the motor, thrust bearing diameter ratio, motor electric efficiency, labyrinth seal dimensions, 

radial gap in journal bearings, load capacity of the gas bearings and internal cooling ratio (degree of cooling that is 

performed by fraction of the compressed gas).  

 

 

Figure 1. 2-stage compressor configuration 
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The procedure itself takes place in VBA macros activated from the interface sheet. The algorithm contains three main 

iteration loops; the first two calculating dimensions and aerodynamic performance of the stages and the third one 

calculating the total machine’s performance including additional losses generated by windage, electrical components 

and the cooling flow (see Fig 2). The tool also predicts basic dimensions of bearings, rotor and shaft.  

 

 

 

Figure 2. The calculation tool structure under Refprop thermodynamic data library 

 

2.2 Aerodynamic modeling 

It was decided to base the design procedure on 1D (mean line) approach, treating a compressor stage as a set of 

characteristic parts, each defined by inlet and outlet surfaces. Losses occurring in each of these parts are modeled with 

empirical correlations developed during the past several decades. The mean line method is regarded as a most practical 

one and providing acceptable accuracy [Oh et. al. (1997), Sungho and Baek (2001)]. Furthermore, a tool based on basic 
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thermodynamic equations and pointing out specific loss mechanisms has also significant educational valor. It gives a 

designer an opportunity to test impact of particular design choices on the final performance of the machine. 

Table 1 presents loss models used in the present study.  

 

Table 1. Loss correlations 

Loss mechanism Loss model Reference 

Blade loading loss: occurs 

due to the boundary layer 

growth, separation and 

secondary flow development 
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Impeller skin friction: is 

generated by the viscous shear 
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Vaneless diffuser loss: The 
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impeller loss calculation, but 
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outlet diffuser velocities  
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Clearance loss: results from 
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The basic design procedure is given below. 

 

Mixing loss: is a result of 

non-uniform discharge of the 

flow from the impeller and is 

calculated based on the 

jet/wake theory 
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Johnston and Dean (1966) 

Oh et. al. (1997) 
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Disc friction loss: 
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Daily and Nece (1960) 

Recirculation loss: results 

from reversal into the impeller 

of a portion of the flow that 

does not have enough 

momentum to overcome 

pressure gradients in the 

diffuser 

rfrc UDh 2
2
2

2 tan02.0 α=∆    Jansen (1967) 

Volute loss: It is assumed 

that the meridional velocity 

component of the fluid 

leaving the diffuser is lost in 

the volute 
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1D design procedure 

The specific work needed to compress the fluid to required pressure is calculated according to: 

( ) totalsscomp hhW η0002 −=  (1) 

where both enthalpies are calculated by the REFPROP code based on the designer inputs: the inlet temperature and 

pressure and discharge pressure. The total isentropic efficiency is assumed to start first main iteration loop. 

Total discharge conditions are calculated from the isentropic efficiency definition: 

( )
( )0002

0002

hh
hh s

totals −
−

=η  
(2) 

An inlet velocity triangle is established in an iterative procedure so as to satisfy the requirement of the assumed inlet 

relative flow angle β1 r (mean) and D1h/D1t ratio. The admission of the gas at the impeller inlet is axial. 

The discharge velocity triangle is established from Euler equation: 

22 θCU
m

Pcomp =


 
(3) 

and includes reduction of tangential velocity component by backward blade sweep βB2 and slip σ, according to 

equations: 

222 tan BrCUC βσθ +=  (4) 

BZ
πσ 63.01−=  (5) 

The above procedure aims at providing specified impeller discharge absolute flow angle α2r. 

With calculated discharge blade tip speed U2 and assumed rotational speed one can easily find impeller discharge 

diameter: 

πω
2

2
U

D =  
(6) 

To calculate impeller discharge blade height b2 discharge static gas conditions have to be known. These are found from 

calculated (based on loss corellations) impeller efficiency. Determination of vaneless diffuser ideal discharge velocity 

triangle is based on two equations known as mass conservation equation and angular momentum equation.  

333222 rr CACAm ρρ ==  (7) 

( )2233 θθτ CrCrm −=   (8) 

Real diffuser discharge conditions are calculated based on the total compressor discharge temperature and calculated 

passage losses.  
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Once the main stage dimensions and properties of the gas in the characteristic sections of the compressor are 

established, the loss correlations can be employed to predict the stage efficiency.  
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Calculated efficiency is then compared with the initially provided value and the iteration loop will be repeated until 

both values match within the tolerance specified by the user. Analogical procedure is applied to predict efficiency of the 

second stage and the overall compressor efficiency. 

After convergence of the calculation some general performance coefficients can be defined and calculated to judge the 

design of the compressor stage. These may include: 

Flow rate coefficient 
π

φ 4
2
22dU

Q
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h tt−∆
=ψ  (11) 

 

Machine Mach Number 
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 (14) 

 

2.3 Rotor windage modeling 

It is identified that high speed motors operating in high ambient pressure tend to induce windage losses that cannot be 

neglected in the initial design of the compressor [Briggs et. al. (2008), Wright et al. (2010)]. 
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While there are many correlations well proven for some specific operating conditions [Raymond et. al. (2008), Walton 

et. al. (2012)] present study will use correlation (1) developed by Vrancik (1968) and validated for high speed CO2 

compressor [Wright et. al. (2010)]. 

 

Dimensions of the rotor are determined from the formula found in Hanselman (2006): 

motmot LD
TRV

2

4
π

τ
=

 

(17) 

where:  

mTRV σ2=  (18) 

 

Required torque is calculated from compressor power and angular speed. Important design parameter is the gap sheer 

stress which is the tangential force per unit rotor surface area. When expressed in Pa units, low cost brushless 

permanent magnet motors typically exhibit a shear stress in the range of 3400<σm<13800 (0.5<σm<2 psi), higher cost 

motors in the range 10300< σm <20600 (1.5< σm <3 psi), very high performance motors are typically in the range 

13800< σm <69000 (2< σm <10 psi), and large liquid cooled motors 69000< σm <138000 (10< σm <20 psi). The designer 

must also decide on L/D ratio of the rotor. To reduce windage losses it is desirable to have long slender rotor. One have 

to bear in mind however that longer motors are more likely to exhibit rotordynamics issues, especially pronounced in 

machines with gas foil bearings. For Sandia’s CO2 compressor L/D ratio amounted to 3.7 [Wright et. al. (2010)].  Final 

size of the motor should always be preceded by rotordynamics analysis.  

Rotor tip speed must be also checked. The limiting constraint is to keep the magnets in compression.  Depending on the 

magnets material different peripheral speeds can be allowed. For a high strength, low resistivity and high modulus 

material such as Inconel 718 maximum rotor peripheral speed of 200 m s-1 is acceptable.  

 

2.4 Gas bearings modeling 

 LRCP fmw
34ωρπ=  

(15) 
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Estimation of gas bearing losses consists of three stages: predicting radial and axial forces acting on the rotor, sizing the 

bearing based on bearing load capacities and applying an appropriate loss model.  

 

Predicting axial loads 

Simple 1D prediction of axial loads in a CO2 centrifugal compressor is a subject to a significant uncertainty. There can 

be up to few tens of thousands N of force across the front and back face of the impeller, therefore the model must 

subtract two very large numbers. It means that not only prediction of thrust magnitude but also its direction could be 

challenging. Noall and Batton (2011) used a 1D correlation to predict thrust in a radial turbine working in supercritical 

state for CO2. Measurements showed that actual thrust was not only a third of the predicted one, but also acted in the 

opposite direction. It is more difficult to predict static pressures at a radial turbine’s intermediate stations than in radial 

compressors; however it shows that simple mathematical operations with big numbers can give misleading results.  

During testing of the SCO2 (supercritical CO2) compressor performed by SNL [(Wright et. al. (2010)] the following 

approach was taken. First, the rotor was installed on typical roller bearings and during the initial tests a load cell was 

used to measure the thrust. The compressor was equipped with pump out vanes on the back side of the impeller wheel. 

Gradual trimming of the vane outer radius allowed for balancing of the axial loads. Once the load cell indicated 

magnitudes of thrust acceptable for gas bearings they were installed instead of ball bearings.  

 

The literature suggests that CFD methods can be reliable sources of information about axial forces acting on centrifugal 

compressor impeller. Shi et. al. (2010) used numerical simulations to predict axial thrust in a deep well pump. 

Comparison of simulation results with measured values gave error of 0.3-5.9 % across the full range of operating 

conditions.  

An attempt to validate the CFD model against experimental data published by Sandia is made in the present study. 3D 

model (Fig 3) of compressor stage was generated based on the geometrical description provided in the SNL report. 

Numerical simulation was conducted with FLUENT 13 code.  The turbulence was predicted with the k-ε model and 

wall boundary layers were solved with wall functions. The second-order discretization scheme was used for 

simulations. Inlet conditions of the tested compressor were very close to the critical point. It resulted in simulation 

convergence problem when real gas (REFPROP) equations were used to determine thermodynamic properties of gas. 

Changing inlet boundary conditions to higher temperature and higher pressure would solve convergence issues as the 

solver would have more “space” to search for a solution around the assigned boundary conditions without crossing the 

saturation line.  Simulating the compressor with different pressure levels does not however enable direct validation of 
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CFD method against the experimental data. The approach taken was instead to use constant density model and reach 

simulation convergence maintaining inlet boundary conditions in accordance with test data. Sandia actually used the 

test data to adjust their 1D model for thrust prediction based on incompressible gas equations. Good agreement was 

achieved.  

 

 

Figure 3.  3D model of Sandia’s impeller with pump out vanes 

 

CFD simulation of Sandia’s compressor 

Simulation parameters are presented in Table 2 

 

Table 2 

Parameter Inlet mass 

flow, kg s-1 

Inlet static 

pressure, bar 

Outlet static 

pressure, bar 

Density, 

kg m-3 

Rotational speed, 

rpm 

Pump out vane 

clearance, mm 

Value 3.96 80 93.85 630 40 000 0.15 

 

 

To reduce computational effort periodic boundary condition was applied and only 1/6 of the compressor domain was 

used for simulation.  

 

Figure 4 presents predicted thrust load acting on the full impeller versus grid size of the simulated domain. It is 

important to note that that presented results take into account thrust component resulting from cavity pressure acting on 

the compressor shaft. Shaft diameter and cavity pressure used for calculation are also taken from Sandia’s report. It can 

be observed that direction of the thrust and its magnitude matches quite well with the data presented by Sandia, around 

533 N (120 lbs) of force for 40k revolutions per minute. The not exact match can be attributed to the usage of the 
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constant density model instead of real gas equations and the not perfect reproduction of real compressor’s blade 

curvature. The analysis however confirms that CFD can be a reliable tool for prediction of magnitude and direction of 

axial thrust acting in a centrifugal compressor. 

 

 

Figure 4. Mesh independence study for prediction of axial thrust 

 

Additional simulations were performed for 3 different impellers in order to get more insight into what magnitude of 

axial forces can be expected in CO2 turbo-compressor. Parameters of each simulated stage are presented in more detail 

in the Results section of present paper. Predicted axial thrusts are shown in Fig 5. Negative values mean that resultant 

thrust acted towards compressor inlet, positive ones indicate thrust direction towards impeller back plate. 

 

Figure 5. Prediction of axial thrust for different CO2 compressors 
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It is shown that axial forces acting in CO2 turbo-compressors can be of significant value and due to the complex 3-

dimentional nature of the gas flow it is difficult to predict them in a quick analytical way. There seems to be a potential 

however to use CFD results as an input for development of more accurate 1D models in the future. So far, if a quick 

performance prediction of oil-free CO2 compressor is needed, the magnitude of thrust should be assumed on some 

reasonable level, to provide for its future balancing with assistance of CFD or experimental methods.    

 

Sizing a thrust bearing 

Widely accepted “rule-of-thumb” for load capacity (expressed in N) that can be supported by a thrust foil bearing is 

given by (5): 

NDDfW mABmABABABLC )w(π=  

where: 

w - difference between the inner and outer top foil diameters or radial extent of the top foil (m); 

N – shaft speed (krpm) 

(19) 

 

Dykas et al. (2009) cites different load coefficients obtained by various researchers. They vary from 664 to 3460 kg m-3 

Krpm-1 (0.024 to 0.125 lb in-3 Krpm-1) for different rotational speeds. New generation of bearings is reported to 

achieve load coefficients of around 2770 kg m-3 Krpm-1 (0.1 lb in-3 Krpm-1) and this value is proposed to be used 

with the present model. The above equation can be used to calculate the size of axial bearing once the axial load is 

determined.  

 

Windage of thrust bearing 

Calculation of the power loss generated by the thrust bearing employs the theory of flow around a disc rotating in a 

housing and is presented in Schlichting (1968). It defines a dimensionless torque coefficient cM from the laminar “free” 

rotating disc case (6). 

 

525.0 r
c

cav
M ωρ

τ
=  

(20) 

 

Correlations for turbulent torque coefficient were proposed by various authors.  
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Recent windage measurements of foil bearing rotating in supercritical state CO2 was presented by Milone (2010). It 

shows significant underestimation of the torque coefficient by the often used Schultz-Grunow formula (see Fig 7). The 

overview of other correlations developed for free rotating disc case is presented in Miles (2011). It is found that 

correlations given by von Kármán (1921), Dorfman (1958) and Bayley and Owen (1969) match quite well with test data 

obtained for free rotating disc in pressurized air. Superimposing all three correlations to supercritical CO2 conditions 

also gives a reasonable match (Fig 6). The Bayley and Owen formula will be used as a default setting in the present 

tool. 

Schultz-Grunow 5/1(Re)0622.0 −=Mc  (21) 

von Kármán 2.0(Re)146.0 −=Mc  (22) 

Dorfman 58.2
10 Re)(log982.0 −=Mc  (23) 

Bayley and Owen 186.0(Re)131.0 −=Mc  (24) 

 where: 
υ
ω2Re r

=  
(25) 

 

 

Figure 6. Theoretical torque coefficients for free rotating disc versus experimental data for supercritical CO2 conditions 

 

Once the torque coefficient is estimated the power loss of the thrust bearing can be calculated: 
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( )55
0

35.0 inMAB rrcP −= ρω  (26) 

 

Radial load prediction 

Provided rotor dimensions and its construction material density, one can simply calculate the radial force that is 

generated on the journal bearings. Radial force resulting from non-uniform pressure distribution across the volute of the 

compressor is believed to be negligible in the design point operation and thus is not taken into account [Reunanen and 

Larjola (2005)]. 

 

Sizing a radial bearing 

Load capacity that can be supported by a journal bearing is given by: 

NDDLfW JBJBJBJBJBLC )(=  (27) 

 

Typical advanced journal foil bearing performance coefficient value fJB expressed in kg m-3 krpm-1 is 27680 (1 lb in-3 

krpm-1) [Dykas et al. (2009)]. If calculated dimensions are smaller than the journal foil bearings commercially 

available on the market, they are scaled up to match commercial bearings sizes. Minimum diameter of a journal bearing 

is assumed to be 30 mm. 

 

Windage of radial bearing 

It is proposed that foil journal bearing can be treated as a special case of rotor-stator system where the outer cylinder is 

at rest and the inner is rotating and modeled with Taylor-Couette flow theory [Schlichting (1968)]. The theory predicts 

three operational regimes which can be described by relating two non-dimensional numbers, the torque coefficient (CM) 

and the Taylor number (Ta). 

i

i
a r

U
T ε

υ
ε

=  
(28) 

επρ 225.0 ii
M rU

MiC =  (29) 

 

For Taylor numbers higher than 400 the flow becomes turbulent and this is the region where high speed bearings are 

expected to operate.  The validation of the theory for high pressure and high speed CO2 applications can be found in 
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Bruckner (2009) and Howard et.al. (2007). The measured toque coefficients obtained for various CO2 pressures and 

rotor shafts fit reasonably well with the theoretical predictions. 

To calculate windage of a journal bearing the following formula for turbulent torque coefficient can be used 

[Sukhomlinov et. al. (2003)]: 

 2.002.0 −= aM TC  (30) 

 

Power loss is then simply found from angular speed and torque relationship.  

 

2.5 Cooling loss modeling 

Hermetic CO2 compressors require efficient cooling. It is known that friction losses occurring due to the rotor and 

bearing windage can be significant. Proven practice is to allow some ratio of the compressed gas to leak into the rotor 

cavity. Throttling of the gas in the clearance of the shaft seal will provide necessary cooling capacity needed to remove 

friction heat from bearings and the rotor. If labyrinth seals are used the actual mass flow of the cooling stream can be 

approximated by the “Martin” (17) formula and depends on the geometry of the seal, density of the gas and pressure 

levels on both sides of the seal.   
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where: S0 is the leakage area and Cd is dimensionless discharge coefficient 

(31) 

 

The correlation was found to predict leakage reasonably well for a tested supercritical CO2 compressor [Wright et. al. 

(2010)]. 

If assumed dimensions of the seal (diameter, number and height of the teeth) results in mass flows and cooling capacity 

not sufficient to remove friction losses then the geometry is changed iteratively to allow more coolant flow into the 

cavity.  

The tool’s default pressure value in the cavity is set to inlet pressure of the compressor. This eliminates the need for 

booster pump/compressor that would otherwise have to pump the leaked stream back into the compressor inlet pressure.  

The designer can however specify different pressure levels. 
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It is assumed that the heat removal process is isobaric. To find the mass flow required for cooling the cavity discharge 

temperature must be also provided. It is assumed to keep this temperature around 100 °C in order to keep the motor cool 

enough to perform efficient and safe operation. 

The cooling loss is defined as a power needed to compress the stream leaving the cavity to the discharge pressure of the 

compressor. Efficiency of this process is assumed to be that of the compressor. Cooling demand generated by the 

windings of the electrical motor is not taken into account here. It is assumed that additional casing cooling will be 

provided.  

 

 

3. RESULTS 

 

3.1 CFD verification of stage performance 

It is believed that CFD can be used as a reliable method to predict turbo-machinery internal flows. This was validated 

experimentally by Krain and Hah (2003), Roberts and Steed (2004), Swain (2005), Xu and Amano (2009). Therefore, 

an attempt to verify predictions of the 1D tool with CFD analysis was made. 

Three different compressor geometries (Fig 7) were created based on the output from the 1D tool. Parameters for each 

compressor stage are collected in Table 3. 

 

 

 

Figure 7. Different impellers tested with CFD method 
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Table 3. Parameters of different compressor stages used in CFD simulations 

Parameter Unit Compressor A Compressor B Compressor C 

Speed krpm 47.5 47.5 75 

Pressure inlet bar 30 30 120 

Temperature inlet K 305 300 320 

Mass flow Kg s-1 1.5 1.3 6.3 

Blade height m 0.0015 0.0082 0.0017 

Discharge blade angle ° -45 -45 -40 

Number of blades - 15 15 12 

Inlet blade angle at tip ° 54 57.6 61 

Tip clearance m 0.00025 0.00035 0.00025 

Impeller diameter m 0.084 0.094 0.0374 

Inlet hub diameter m 0.011 0.0094 0.005 

Inlet shroud diameter m 0.0275 0.027 0.0187 

Diffuser diameter m 0.151 0.188 0.070 

Axial length of impeller m 0.028 0.031 0.0124 

Shaft diameter m 0.025 0.025 0.014 

Back plate clearance m 0.0004 0.0004 0.0004 

 

Design point operation was simulated. Each CFD model includes clearance between back plate of the impeller and the 

housing, so disc friction loss is included in both models (1D and numerical). Volute losses are excluded from both 

models. 

 

Numerical modeling 

Steady state CFD simulations were executed with FLUENT 13 code.  The turbulence was predicted with the k-ε model 

and wall boundary layers were solved with logarithmic wall functions. The second-order discretization scheme was 

employed. 

An inlet mass flow boundary condition was used with total temperature and static pressure specified (operating pressure 

was set to zero).  Pressure outlet boundary condition with a prescribed static pressure and backflow total temperature 

was used for stage outlet. The turbulent kinetic energy was assumed to be uniformly distributed with intensity of 10%. 
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Only one blade passage was modeled and periodic boundary condition applied. Each compressor stage consisted of 

three volumes: impeller zone, vaneless diffuser zone and back plate clearance. Interfaces between zones adopt a frozen 

rotor model. This allows inlet distortion to be transferred across the different frames of reference.  

Frozen rotor model can be used for turbomachinery applications in which rotor-stator interaction is relatively weak.  

Centrifugal compressor with vaneless diffuser and without inlet vanes can be treated as such a case [Liu and Hill 

(2000), Engeda et. al. (2003)]. For each compressor model mesh independence study was performed (see Table 4). 

 

Table 4. Mesh independence study for CFD pressure and efficiency predictions 

 Mesh size µis (t-t) Average y+ Pout/Pin (t-t) 

Compressor A     

Grid 1 1.7mln 0.806 290 1.59 

Grid 2 3.9 mln 0.806 260 1.59 

Grid 3 8.5 mln 0.808 108 1.59 

Compressor B      

Grid 1 1.3 mln 0.711 270 1.70 

Grid 2 3.8 mln 0.710 145 1.70 

Grid 3 10 mln 0.710 122 1.70 

Compressor C     

Grid 1 0.9 mln 0.908 614 1.66 

Grid 2 3.0 mln 0.910 220 1.66 

Grid 3 7.8 mln 0.906 143 1.67 

 

 

Results of analytical and numerical prediction are presented in Fig 8.  
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Figure 8. Comparison of analytical and numerical predictions of efficiency (t-t) and pressure ratio (t-t). 

 

Good fit between prediction of pressure ratio and efficiency can be observed for Case A and B. For super-critical 

compressor (Case C) the 1D model under-predicts the pressure ratio compared to CFD. Without experimental 

verification it is difficult to conclude which method is more accurate in this case. It can be however expected that some 

general approximation present in the 1D model tend to reduce accuracy prediction in supercritical region where small 

under- or over-prediction of one thermodynamic property can result in significant variation of another.  

 

An additional insight into non-dimensional performance coefficients of a machine can be beneficial in assessing 

efficiency predictions obtained with a given model. Most important performance coefficients for the three simulated 

compressors are calculated and presented in Table 5. 

 

Table 5. Non-dimensional performance coefficients for the simulated compressors 

Parameter Unit Compressor A Compressor B Compressor C 

Machine Mach Number - 0.84 0.95 0.49 

Flow coefficient - 0.021 0.012 0.064 

Work coefficient - 0.68 0.68 0.66 

Specific speed - 0.40 0.34 0.66 

Machine Reynolds Number - 7 e07 9 e07 7.1 e07 
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It can be concluded that the results of the non-dimensional analysis are quite consistent with the analytical and 

numerical predictions of the compressors’ efficiency. The high Reynolds numbers favor reaching high efficiency in all 

of the presented cases. Both specific speed and flow coefficient of Compressor C are found to be within the optimal 

range applicable for radial compressors. It is therefore to be expected that this design will achieve the best efficiency 

among the tested configurations. Still, the 90% prediction of the isentropic efficiency may appear overly optimistic. If 

however, one takes into account relatively low pressure ratio and high molecular mass of the gas, and that the cited 

efficiency is calculated based on the total-to-total conditions, the prediction seems more realistic. Accordingly, a 

compressor with the lowest specific speed and flow coefficient and with the highest Mach numbers is expected to 

perform least efficiently. The lowest performance among the tested designs is predicted for Compressor B by both the 

analytical and numerical model.  

Based on the numerical results the chart presenting the area averaged absolute Mach numbers along meridional span of 

the impellers is depicted in Fig 9. It is shown that for machines operating at similar pressure ratios, Reynolds numbers 

and work coefficients the performance is dependent on the velocity profile across the stage. Among presented cases, the 

compressor with the highest maximal Mach number and the steepest Mach number profile across the impeller achieves 

the worst efficiency. 

 

 

Figure.9. Numerical prediction of averaged absolute Mach numbers across the impellers 

 

3.2. Tool verification with existing experimental results 
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SNL test results were used to validate 1D prediction of total compressor efficiency. Performance of the compressor 

working in its design point (no incidence at the impeller inlet) was predicted for three rotational speeds: 40, 50 and 55 

krpm. In order to compare 1D prediction with experimental results the set of parameters were extracted from Sandia’s 

report and used either as an input or a target of the simulations.  For example, inlet conditions, rpms, size of the rotor 

were input constraints. Parameters such as impeller diameter and discharge blade height were results of the simulations 

obtained by adjusting other input parameters such as mass flow or absolute discharge flow angle. The list of parameters 

that were common for each simulation is presented in Table 6. 

 

Table 6.  Parameters of 1D simulation for Sandia’s compressor 

Parameter Unit Value   

Pressure inlet bar 77   

Temperature inlet K 305   

Cavity pressure bar 13.8   

Cavity temperature K 320   

Number of blades - 12   

Mean inlet blade 

angle 

° 51   

Tip clearance m 0.00025   

Motor length m 0.168   

Rotor diameter m 0.044   

Rotor gap m 0.0031   

Axial load N 1000  Inputs 

Axial bearing load 

capacity 

Kg m-3 krpm-1 

(lb in-3 krpm-1) 

2767 

(0.1) 

  

Radial bearing load 

capacity 

Kg m-3 krpm-1 

(lb in-3 krpm-1) 

27670 

(1) 

  

Seal leakage area m2 1.67E-06   

Dimensionless 

discharge 

coefficient 

- 2.1   
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Number of seal 

lands 

- 4   

Electrical efficiency - 0.93   

D1h/D1s - 0.27   

Β2b ° -50   

Inlet shroud radius m 0.0094   

Inlet hub radius m 0.0025  Targets 

Blade height m 0.0017   

 

Predicted efficiencies as well as the remaining results of simulations are collected in Table 7. Predicted peak 

compressor efficiencies agree reasonably well with experimental data where upper range of measured efficiencies (t-s) 

is found within 65-70% region.  

 

Table 7. Results of the 1D simulation of Sandia’s compressor 

Parameter Unit 45 krpm 50 krpm 55 krpm 

Pressure ratio( total) - 1.35 1.43 1.56 

Efficiency t-s - 0.662 0.670 0.675 

Efficiency t-t - 0.698 0.707 0.714 

Leakage flow % (of main 

mass flow) 

0.95 1.09 1.31 

Impeller discharge 

flow angle 

° 70.3 71 73 

Mass flow Kg s-1 2.9 3.1 3.25 

 

 

3.3. Predicted loss breakdown for SNL compressor 

Loss breakdown for 45 krpm machine is shown in Fig 10. Several loss mechanisms seem to have particularly 

pronounced impact on compressor efficiency. Small diameter of the impeller results in big relative clearance and 

therefore significant leakage of the gas from high to low pressure side of the blade (clearance loss). Despite 

significantly reduced cavity pressure high shaft speed still results in non-negligible rotor windage. Significant seal 
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leakage loss is a result of big pressure difference between rotor cavity and impeller back plate. This leakage is 

accounted in the model as a cooling. The pumping power needed to compress leaked gas from the lowered cavity 

pressure to the inlet pressure of the compressor is not included as it was also not included in Sandia’s efficiency 

measurements. Electrical losses are inevitable in every kind of compressor and come from switching circuitry of the 

inverter and magnetic losses within the stator windings. 93% electrical efficiency was assumed according to the 

Sandia’s report.  

 

 

Figure 10. Loss breakdown predicted for Sandia’s compressor operating at 45krpm 

 

 

4. CONCLUSIONS 

 

A 1D model for prediction of performance of CO2 oil-free radial compressor has been proposed. 1D predictions of 

aerodynamic performance and pressure ratios of different compressor stages are in satisfactory agreement with results 

obtained with numerical methods. Efficiency predictions of a compressor model based on a 50 kW Sandia’s compressor 

are found to correlate reasonably well with the measurements.  

The CO2-based turbo-machinery can be of very small sizes due to the significant density of the working fluid, especially 

when it is in the supercritical state. In some cases, the big relative clearance and the high surface roughness can be of a 

major issue when high stage efficiency is a priority. On the other hand the relatively high molecular weight of carbon 
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dioxide and relatively low pressure ratios present in CO2 cycles favors reaching reasonably high stage efficiency of the 

radial compressor. It is the overall efficiency of the hermetic CO2 machine that may be challenging to achieve, due to 

the non-stage windage and cooling losses.  

Prediction of axial thrust is an important step in the CO2 compressor development. Due to the complex 3-dimentional 

nature of the gas flow it is difficult to carry out in a quick analytical way. Various methods of thrust reduction, such as 

manipulations of number and diameter of impellers, adjusting the size of the labyrinth seal, varying the pressure in the 

motor cavity or applying pump-out vanes can be applied. 

In a present form the tool requires axial thrust to be assumed. To give some preliminary orientation of a thrust 

magnitude that can be present in relatively small CO2 compressor, a CFD method was used to analyze three different 

radial compressor stages with back-plate clearance. More research in the area of quick axial thrust prediction seems 

however very desirable. 

The present model was developed with a view to assess possibility of introducing oil-free compression technology into 

the area of commercial grade CO2 refrigeration. Hence, machines in the range of a few tens to a few hundreds of kW of 

shaft power are subject of interest. Rather low pressure ratios of between 2 and 3combined with at least 2 stages of 

compression usually result in subsonic operation; hence shock wave effects are not included in the present form of the 

model. The correlations predicting friction in the passages of the compressor assume smooth surfaces. Their 

applicability for very small geometries is therefore limited to those with a good surface finish.    
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b blade height (m) βb2 discharge blade angle (rad)   

b* ratio of vaneless diffuser 

inlet width to impeller exit 

width (-) 

ε clearance (m) df diffuser friction 

C absolute velocity (m s-1) εwake wake fraction of blade-to-

blade space (-) 

h hub/hydraulic 

cf skin friction coefficient (-) ω angular velocity (rad s-1) i Impeller channel 

cM Dimensionless torque 

coefficient (-) 

W relative velocity (m s-1) JB journal bearing 

D diameter (m) τ torque (N m) LS labirynth seal 

Df diffusion factor (-) μ viscosity (Pa s) m mean 

h specific entalphy (kJ kg-1) ρ density (kg m-3) mix mixing 

L length (m) σm the motor air gap shear 

stress (Pa) 

mot motor's rotor 

p pressure (Pa) Subscripts  mw motor windage 

P Power (W) 1 impeller inlet r meridional direction (angle) / 

meridional component 

r radius (m) 2 impeller discharge sf skin friction 

Re Reynolds number (-) 3 diffuser discharge t shroud 

T temperature (K) AB axial bearing t-s Total to static 

U impeller blade tip speed 

 (m s-1) 

bl blade loading t-t Total to total 

ZB number of blades (-) d diffuser passage θ circumferential direction (angle) / 

circumferential component 

ε clearance (m) cav motor cavity   

α absolute flow angle (rad) cl clearance   
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